
 

 

  

Abstract—Journal bearings used in IC engines are prone to pre-
mature failures and are likely to fail earlier than the rated life due to 
highly impulsive and unstable operating conditions and frequent 
starts/stops. Vibration signature extraction and wear debris analysis 
techniques are prevalent in industry for condition monitoring of 
rotary machinery. However, both techniques involve a great deal of 
technical expertise, time, and cost. Limited literature is available on 
the application of these techniques for fault detection in reciprocating 
machinery, due to the complex nature of impact forces that 
confounds the extraction of fault signals for vibration-based analysis 
and wear prediction.  

In present study, a simulation model was developed to investigate 
the bearing wear behaviour, resulting because of different operating 
conditions, to complement the vibration analysis. In current 
simulation, the dynamics of the engine was established first, based on 
which the hydrodynamic journal bearing forces were evaluated by 
numerical solution of the Reynold’s equation. In addition, the 
essential outputs of interest in this study, critical to determine wear 
rates are the tangential velocity and oil film thickness between the 
journals and bearing sleeve, which if not maintained appropriately, 
have a detrimental effect on the bearing performance.  

Archard’s wear prediction model was used in the simulation to 
calculate the wear rate of bearings with specific location information 
as all determinative parameters were obtained with reference to crank 
rotation. Oil film thickness obtained from the model was used as a 
criterion to determine if the lubrication is sufficient to prevent contact 
between the journal and bearing thus causing accelerated wear. A 
limiting value of 1 µm was used as the minimum oil film thickness 
needed to prevent contact. The increased wear rate with growing 
severity of operating conditions is analogous and comparable to the 
rise in amplitude of the squared envelope of the referenced vibration 
signals. Thus on one hand, the developed model demonstrated its 
capability to explain wear behaviour and on the other hand it also 
helps to establish a co-relation between wear based and vibration 
based analysis. Therefore, the model provides a cost effective and 
quick approach to predict the impending wear in IC engine bearings 
under various operating conditions. 

 
Keywords—Condition monitoring, IC engine, journal bearings, 

vibration analysis, wear prediction. 

I. INTRODUCTION AND BACKGROUND 

OURNAL bearings used in the big end of the connecting 
rod in IC engines are often subjected to wear coming from 

the unsteady operating conditions of the engine, such as, 
frequent start/stops, involvement of high temperatures and 
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pressures, load and speed fluctuations [1], [2]. Therefore, 
operation of reciprocating machinery is far more complex than 
for rotating machines, which are rather stable. Thus the journal 
bearings used in IC engines are more likely to fail sooner than 
the rated life [3], [4]. The force generated by the combustion 
and the impulsive inertia is transmitted straight through the 
connecting rod, which is supported by the journal bearings, 
making them vulnerable to wear off as the impulsive load 
increases. The main challenge in identifying any abnormality 
in bearing performance is to understand the wear mechanism 
and have a beforehand knowledge of any approaching failure 
to predict the remaining life of the bearing. Visual inspection 
of journal bearings needs complete dismantling of the engine 
and is not an ideal method to detect faults in the early stages 
[5] as damages may be caused in the process. 

Vibration and wear debris analysis techniques are 
commonly used in industry for fault detection in machine 
elements. However limited success has been reported on the 
application of these techniques for fault detection in big end 
bearings, because of the complexity of resulting vibration 
signals and highly intrusive, labour, time and cost intensive 
experimental work involved [6]. 

Wear based analysis provides sufficient information on the 
wear mechanisms and insight on the effect of wear on bearing 
performance, whereas vibration analysis is good at detecting 
abnormalities in operation regardless of the cause of the fault. 
Thus, if the two techniques could be correlated together, then 
it would results in an effective condition monitoring by 
integrating the features of instantaneous vibration based 
diagnosis and wear debris analysis based root cause analysis 
and prognosis [7]. As discussed earlier the identification of 
mechanical faults in IC engines is a tedious task, therefore lot 
of recent researches has been directed towards developing 
simulation models to mimic fault indicators such as vibration 
signals and wear behaviour. A broad review on common 
engine faults, their indicators and challenges in identifying 
them experimentally is given in [8]. 

This work is an extension of a previous study, in which an 
engine simulation model was developed using a 
MATLAB/SIMULINK program, whereby the engine 
parameters used in the simulation were obtained 
experimentally from a Toyota 3SFE 2.0 litre petrol engine. 
Simulated hydrodynamic bearing forces were used to estimate 
vibrations signals and envelope analysis was carried out to 
analyze the effect of speed, load, and clearance on the 
vibration response. Three different loads 50/80/110 N-m, three 
different speeds 1500/2000/3000 rpm, and three different 
clearances, i.e., normal, 2 times and 4 times the normal 
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clearance were simulated to examine the effect of wear on 
bearing forces. The magnitude of the squared envelope of the 
generated vibration signals though not affected by load, but it 
was observed to rise significantly with increasing speed and 
clearance indicating the likelihood of augmented wear.  

The simulation of engine mechanism with a clearance at 
joint (connecting rod big end bearing), is an interesting multi-
body dynamics problem as the motion of the components 
involved is constrained by dynamic forces developed during 
operation and not the geometry. Since the elementary 
mechanism of engine is based on slider-crank mechanism, 
various studies have been reported in literature on developing 
the kinematics/kinetics of slider-crank mechanism with a 
revolute joint with clearance at either of the ends or both.  

Flores presented a comprehensive study on the dynamics of 
slider-crank mechanism with lubricated revolute joint, 
whereby Reynold’s equation was used to obtain the forces, 
and then compared with ideal joint [9]. In this work, however 
the combustion force effects were not taken into account. In 
that study several lubrication models and boundary conditions 
were studied, with different oil viscosities and clearances and 
the resulting bearing forces were compared with experimental 
results. A few other prominent studies on lubricated joints are 
also available [10]-[12]. However, the scope of most of the 
available researches is limited to investigating the effect of 
geometric parameters, such as size and clearance of bearings 
(though usually not with oversized clearance). Operating 
parameters such as oil viscosity and speed on the forces 
developed in clearance joints based on different lubrication 
and/or contact models but very few studies are available that 
encompass the use of the generated forces for wear prediction 
[13], [14]. Most of the wear prediction models are based on 
dry contact without taking into account the lubrication 
between the sliding parts. Nikolic [15] presented a simulation 
implementation algorithm to predict wear profiles for the 
crankshaft main bearings (which is rather even than the big 
end bearings) for a multi-cylinder engine operated at different 
conditions. Various aspects contributing towards the wear, 
including contact angle, contact pressure, effect of forces form 
neighbouring cylinders and location of wear zones with 
respect to crank rotation were studied in detail, however the 
clearance joint was assumed dry, without taking into account 
the lubrication effect. However, the implementation strategy 
provides with a promising prospect for wear predictions. 
Various other studies are available in literature, on the 
simulation of forces developed in joints with clearances 
(lubricated and/or dry) and predicting wear based on different 
indicators. A comprehensive review on similar multibody 
dynamics cases with joint clearances is presented in [16]. 

As mentioned earlier, this work is motivated by a recent 
study [17], which presented the simulation of vibration signals 
generated due to bearing knock, and evaluated by using 
envelope analysis. The simulated results were also compared 
with experimental results and were found to be in good 
agreement. Envelope analysis has proved to be successful in 
identifying underlying periodicity in impulsive vibration 
responses and thus can be an indicator of bearing knock 

occurring at regular intervals. It has proven to be an 
appropriate technique for fault detection in IC engine bearings. 
In envelope analysis the envelope of the signal is obtained by 
amplitude demodulation rather than using the raw signal and 
then the characteristic fault frequencies are identified [18]. 
The reason for the adoption of this method is its ability to deal 
with transient signals with slight phase differences which is 
often the case in machinery [19]. Various studies are available 
in the literature that demonstrate the successful use of 
envelope analysis for fault detection in machine elements 
particularly in rolling element bearings [20]. 

The present study expands the reference simulation model 
given in [17] with major emphasis on wear prediction and 
comparing the results with simulated and experimental 
vibration analysis results reported earlier. This work focuses 
and demonstrates the capability of the engine simulation 
model to obtain critical parameters mainly responsible for 
wear and further probe into the wear behaviour and the 
declining of bearing performance. In addition to material 
properties, the parameters of interest that contribute to wear 
are the load on the bearings (Fxy), the sliding velocity (U), oil 
film thickness (h) between the journal and the bearing sleeve, 
all of which are an output of the expanded simulation model. 
It is worth mentioning that all of the above parameters were 
obtained in reference to crank angle (�) to reveal the location 
specific wear information for each case.  

II. ENGINE DYNAMICS AND HYDRODYNAMIC LUBRICATION 

MODEL 

Since the output of the engine, kinematics/kinetics (location 
of journal and bearing center and resulting eccentricity) is the 
input to the lubrication system, and the output of the 
lubrication system (bearing forces acting as constraint) is an 
input to the engine kinetic system. Hence forming a closed 
loop is thus crucial, the engine kinematics/kinetics is 
synchronized and works in conjunction with the 
hydrodynamic lubrication model that yields the constraining 
bearing forces.  

The dynamics of the piston, connecting rod and crankshaft 
with rigid connection between piston and connecting rod, and 
clearance at the joint between the crankshaft and connecting 
rod, was adopted from typical models available in literature 
(fundamentally modelled as slider-crank mechanism) [21], 
[22]. An appropriate lubrication model for clearance joint (big 
end bearing), based on Reynold’s equation for variable 
rotating loads was selected to simulate the bearing forces, oil 
film thickness and relative radial and tangential velocities of 
the journal and bearing for use in wear prediction model. The 
geometrical parameters, masses and moment of inertias of the 
components involved were obtained experimentally in 
previous study [17] from a Toyota 3SFE 2.0 litre petrol 
engine, and are listed in Table I. 

The following sub-sections discuss only the key equations 
used in the simulation to determine the inputs and outputs of 
each subsystem and the interaction amongst them. For details 
of step-by-step analytical models for engine kinematics/ 
kinetics, interested readers may refer to [17], [22], [23]. 
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TABLE I 
ENGINE PARAMETERS FOR SIMULATION 

Engine Parameters Value Unit 

Bearing length (L�) 0.02 m 

Bearing radius (R�) 0.024 m 

Normal bearing clearance (c) 0.0001 m 

Lubricating oil viscosity (μ) 0.03 Pa.s 

Crank Radius (R) 0.043 m 

MOI of crankshaft and flywheel (I�) 0.1 Kg.m2 

Mass of connecting rod (m�) 0.693 Kg 

Center to center length of connecting rod (b) 0.135 m 

Distance of connecting rod mass center (b
) 0.09 m 

MOI of connecting rod (I�) 0.002 Kg.m2 

Mass of piston (m�) 0.467 Kg 

A. Cylinder Pressure 

The cylinder pressure varies with operating conditions i.e. 
external load and speed, with foremost dependence on external 
load. Therefore, it has to be adjusted for each case to simulate 
engine behaviour running at different operating conditions. It 
is also worth pointing out that the combustion pressure has to 
be simulated carefully as it serves as a boundary condition for 
simulations running at different operating conditions. Using as 
reference, the available experimental data and engine power 
and torque curves, the cylinder pressures for different 
operating conditions were simulated by using the Wiebe’s 
function. The cylinder pressure (P) as function of crank angle 
(�) is given by [24]: 

 
�
�� = ��


�  ��
��  −  �

�  ��
��                           (1) 

 

where, V is the volume of the cylinder, �� ��⁄  is the change 
in volume in terms of crank angle during piston 
displacements, and � is the heat capacity ratio (~1.4 for air). 
The burn rate and the heat release rate in (1) during the 
combustion process were obtained in terms of the crank 
angular displacement (θ) by using: 

 

���) =  ��
�� = �. !"�#$
)

�%
   & �

�%
'#  (��. !"  �� �%) )*+,

     (2) 

 
��
�� =  ���)  -./#  01234  56�                     (3) 

 
where, m is the Combustion characteristic exponent that 
determines the pressure curve shape, ��= combustion 
duration, LHV = Latent heat value (43900 KJ/Kg for petrol), 
-./#  is the combustion efficiency of the engine and 01234  is 

the mass of fuel injected in the cylinder for one combustion 
cycle. Thus, by substituting (2) and (3) in (1), the cylinder 
pressure variation with crank rotation was obtained. Fig. 1 
shows the cylinder pressure for three different loads for one 
complete cycle (720 degrees of crank rotation) used in the 
simulation i.e. 50 N-m, 80 N-m and 110 N-m. 

B. Piston-Connecting Rod Subsystem 

The kinematic/kinetic relations for the piston connecting 
rod subsystem (modeled as an ideal joint) and crank 
subsystem with clearance between connecting rod and 

crankshaft joint, are established based on the configuration in 
Fig. 2.  
 

 

Fig. 1 Cylinder pressure vs crank rotation 
 

 

Fig. 2 Engine Kinematic/Kinetic diagram 
 

 

Fig. 3 Journal/bearing centers and force balance 
 
The combustion force Fc serves an input to this subsystem 
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and as the driving force for the whole system and since the 
connection between the connecting rod and crank is not rigid 
but a revolute clearance joint, it has to be balanced by the 
hydrodynamic forces generated in the lubricating oil. The 
relative displacements of the journal and bearing centers i.e. 
xb, yb and xj, yj, respectively, with reference to global X-Y 
axes, and the balance of journal forces, Fxj and Fyj by the 
hydrodynamic forces generated by lubrication film Fx and Fy 
are shown in Fig. 3. 

Based on the arrangement shown in Figs. 2 and 3, the 
governing equations of motion for piston and connecting rod 
can be obtained by Lagrange formulation as [23]:  
 

�07 8 09) :;7 − �<
09 =>? ∅)∅; − ∅A B<
09 CD= ∅ = EFBB − E.  (4) 
                         

�−<
09 =>? ∅) :;7 8 �G9 8 <
B09)∅; = −E�BB< CD= ∅ − EFBB< =>? ∅ (5) 

C. Crank Subsystem 

From the geometric relations shown in Fig. 3, the 
displacements, velocities, and accelerations of the x and y 
coordinates of bearing center are obtained, and finally the 
torque balance on the crankshaft can be written as: 
 

G.�; = E�H CD= � 8 EFH =>? � 8 I1JK. 8 I4/L�           (6) 
 
where Tload is the external load on the engine and Tfric is the 
friction and pumping torque of the engine given by [25]: 
 

I1JK. = 0.697 8 �A  Q �2.995 Q 10�" ? − 1.487 Q 10�W)��    (7) 

D. Interaction Subsystem 

To establish synchronization between the engine kinematics 
and the journal bearing dynamics it is important to develop 
relation between their geometric features. Fig. 4 shows the 
geometry of the big end bearing with a local coordinate 
system r-t in radial and tangential directions, and it is 
concurrence with the global X-Y coordinate system. 

 

 

Fig. 4 Global and local coordinate system for big end bearing [17] 
 

Based on the calculated displacements of journal and 
bearing centers from the piston-connecting rod and crank 
subsystems Fig. 3, the eccentricity the x and y direction is 
obtained as: 

 

(�  =  XY − X9                                   (8) 

(F  =  :Y −  :9                                  (9) 
 
Therefore, the eccentricity is, 
 

( = Z(�  B 8 (FB                                  (10) 

 
By using the bearing clearance (c), thus the eccentricity 

ratio ε and time derivative of eccentricity ratio εA  can be 
calculated as 

\ =  3
.                                         (11) 

 

\A = ]F^�F_`]FA^�FA_` � ]�^��_`]�A^�  �A_`
3..                     (12) 

 
The transformation angle a from global X-Y to r-t 

coordinate system is calculated in terms of sine and cosine (to 
avoid complications that could arise from the tangent) and it’s 
time derivative αA  respectively as, 

 

sin�a) =  ]F^�F_`
3                                   (13) 

 

cos�a) =  ]�^��_`
3                                   (14) 

 

aA = ]�^��_`]FA^� FA_`$]F^�F_`]�A^� �A_`
3h                     (15) 

 
The above coordinate transformations will be used in 

hydrodynamic lubrication model discussed in the next section, 
after the following substitutions for simplification purpose: 
 

i = B
jk  \A                                       (16)                    

 

  l = B
jk  aA                                        (17) 

 

m = �1 − \B)
 B) n&
�o
p 'B 8 


qhr

 B)

                   (18) 

 

where sk is the relative angular velocity of journal and bearing.  

E. Hydrodynamic Lubrication Model 

The governing equation to model the pressure profile is the 
classic Reynold’s equation. Since the big end bearings in IC 
engines are subjected to loads that vary in both magnitude and 
direction, the most appropriate model for hydrodynamic forces 
for variable rotating loads was adapted from Pinkus [26]. By 
numerically integrating the hydrodynamic pressure profile 
over the positive region (Gümbel boundary conditions), the 
hydrodynamic bearing forces in r and t direction can be 
acquired as follows: 

For E>0 (i.e. Journal approaching the bearing surface) 
 

EJ = ��tq�
�o)
�B$qh)�
�qh), h)  u v$w

v$w B) x =>?a − wp
�B$qh)�
�qh)y h)  Q n4m\B 8  �2 8

\B)z u v$w
v$w B) xr CD=a      (19)  
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E{ = ��tq�
�o)
�B$qh)�
�qh), h)  u v$w

v$w B) x �−CD=a) − wp
�B$qh)�
�qh)y h) Q n4m\B 8 �2 8

\B)z u v$w
v$w B) xr =>?a     (20)  

 
For E<0 (i.e. Journal distancing from the bearing surface) 
 

EJ = ��tq�
�o)
�B$qh)�
�qh), h)  u v$w

v$w B) x =>?a 8  wp
�B$qh)�
�qh)y h)  Q n4m\B − �2 8

\B)z u v$w
v$w B) xr CD=a         (21)                                  

 

E{ = ��tq�
�o)
�B$qh)�
�qh), h)  u v$w

v$w B) x �−CD=a) 8 wp
�B$qh)�
�qh)y h) Q n4m\B − �2 8

\B)z u v$w
v$w B) xr =>?a                 (22) 

 
These forces are then transformed onto the global X-Y axes 

by using the following transformations: 
 

E� = 

B   |jk

u. }_) xh   H959  Q EJ                        (23) 

 

EF = 

B   |jk

u. }_) xh   H959  Q E{                        (24) 

 
The relative radial and tangential velocities of the journal 

and the oil film thickness are obtained respectively by: 
 

~ = H9sk 8 C\A=>?� − C\�ACD=�                  (25) 
 

� = C\ACD=� 8 C\�A=>?�                         (26) 
 

ℎ = C�1 − \CD=�)                              (27) 

III. NUMERICAL SIMULATION 

The model was developed in MATLAB/SIMULINK 
program, based on above analytical models, whereby the 
engine parameters used, are listed in Table I and the initial 
conditions for the simulation are listed in Table II. 

Based on the initial conditions and analytical model for the 
dynamics of the engine and bearing presented earlier, the 
simulation was developed in a closed loop form. The 
schematic of simulation with inputs and outputs of each 
subsystem is illustrated in Fig. 5. 

 
TABLE II 

INITIAL CONDITIONS FOR SIMULATION 

Parameters Value Unit 

Crank Angle ��) 0 rad 

Crank angular velocity (�A ) 315/210/156 rad/s 

Connection rod angle �∅) pi rad 

Connecting rod velocity �∅A ) -100.3/-66.9/-49.7 rad/s 

Piston position in Y �:7) 0.178 m 

Piston velocity in Y �:A7) 0 m/s 

 
The second order ODEs, for engine kinetics were solved by 

a variable time step solver ODE45 (dortmund – prince) in 
Simulink, with a minimum time step of 1x10-10 and a 
maximum time step of 2x10-7. The simulation was run for 
duration of 0.3 sec with a fixed sampling interval of 5x10-5 s 
(200 kHz sampling frequency). 

 

Fig. 5 Schematic of simulation implementation algorithm 

IV. RESULTS AND DISCUSSIONS 

Unlike, the reference model [17], which mainly focused on 
vibration analysis by using simulated forces, the major outputs 
of interest in the present simulation is the resultant 
hydrodynamic bearing force (F). Sliding/tangential velocity 
(U), radial journal velocity (V), and the minimum oil film 
thickness (hmin) for a set of different operating conditions, with 
particular focus on investigating location specific wear rates. 
Since increased clearance is an indicator of wear, to simulate 
bearing forces for worn out bearing, two different clearance 2 
times the normal (2x) and 4 times (4x) the normal clearance 
were used and compared with the results of bearing with 
normal clearance as a reference. The simulations were run at 
three different speeds i.e. 1500 rpm, 2000 rpm and 3000 rpm 
and three different loads of 50 N-m, 80 N-m and 110 N-m and 
compared. In all, with three combinations of each, the 
clearance, speed and load, 27 simulations were run and the 
results were compared. In following sub-sections, results and 
discussion of some important outcomes and their comparisons 
are presented. Details of all 27-simulation conditions and a 
summary of all results are presented in Table III. 

The effect of each operating parameter speed, load and 
clearance on the bearing force, oil film thickness and 
tangential/sliding velocity of the journal is studied individually 
in following subsections (A-C), and then based on the results 
of oil film thickness, critical cases are analysed for 
determining wear rates in subsection-D. 

A. Effect of Speed on Forces/Oil Film Thickness/Velocities 

The resultant hydrodynamic bearing forces for two 
complete cycles of engine at three different speeds 
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(1500/2000/3000 rpm) with a load of 80 N-m, and 2 times the 
normal clearance are shown in Fig. 6. The corresponding 
position of the piston is marked as TDC (Top dead center) and 
BDC (Bottom dead center), as this information is crucial to 
suffice for identifying wear location on the bearing. 

 

 

Fig. 6 Variation of resultant lubrication force with speed (80 
N.m/c=0.0002) (a) 1500 rpm (b) 2000 rpm (c) 3000 rpm 

 
The higher peaks occurring at every 720° of crank rotation 

(TDC) corresponds to the impulse due to combustion that 
follows every two complete revolutions of the crank. The 
magnitude of the higher peaks almost remain stable for 
different speeds but change with increase in external load, 
however the smaller humps due to squeeze film effect of 
lubricant (circled in red), corresponding to the bearing knock, 
grow in magnitude significantly with increasing speed, thus 
indicating added exposure to accelerated wear. A similar 
pattern was observed with all bearing clearances and loads 
with varying speed.  

Oil film thickness was used as defining criteria to determine 
wear zones subjected to highest wear. Though being 
dependent on various factors, including size and geometry of 
bearings and lubricant properties, a limiting value of hmin ≤ 1 
um is selected as a criteria for considering boundary 
lubrication with high wear severity [27]. Around the clearance 
circle, to calculate wear, Archard’s wear prediction model was 
applied in regions where the oil film thickness falls below 1 
µm, indicating insufficient lubrication, consequently showing 
likelihood of observing higher wear rates. However, since an 
adequate lubricant film (h>1 µm) was observed in simulations 
with all cases of normal clearances, and no significant wear 
was observed at low of 1500 rpm even at 2 times the 
clearance. So major focus of the wear calculation is based on 
simulations running at 2000 rpm and 3000 rpm and/or with 
oversized increased clearance, where the fluid film breaks. 
Accordingly, the thickness of oil film has to be examined 
closely to determine if wear is induced in zones of minimum 
oil film thickness for instance of high speed and oversized 
clearance. For later use in the wear prediction model, the 
corresponding oil film thickness h, and the tangential and 

radial velocities of the journal U and V respectively for the 
case of 3000 rpm from Fig. 6 (c) are given in Fig. 7. 

For the sake of comparison with results presented in Fig. 7, 
simulation results for same load and clearance i.e. 80 
N.m/0.0002 m, but with a lower speed of 2000 are presented 
in Fig. 8. 

 

 

Fig. 7 Correspondence of oil film thickness/radial velocity/tangential 
velocity for 3000 rpm/80 N-m/c=0.0002 m (Fig. 6 (c)) (a) Oil film 

thickness µm (b) Normal Velocity m/s) (c) tangential Velocity (m/s) 
 

 

Fig. 8 Correspondence of oil film thickness/radial velocity/tangential 
velocity for 2000 rpm/80 N-m/c=0.0002 m (a) Oil film thickness µm 

(b) Normal Velocity m/s) (c) tangential Velocity (m/s) 
 
Figs. 7 and 8 show a comparison of oil film thickness, 

normal velocity and tangential velocities for two cases with 
same load and clearance but different speed. In both of the 
cases, the oil film thickness dropped below 1 µm, therefore 
both were chosen for wear analysis. However, the magnitudes 
of the maximum normal and tangential velocities differ 
significantly for both cases. 

 
U3000 = 10.5508 m/s, U2000 = 6.7012 m/s 
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V3000 = 0.0743 m/s, V2000 = 0.0498 m/s 

 
Therefore based on the magnitudes of forces for both cases 

of Figs. 7 and 8 at points of minimum oil film thickness, and 
the normal and tangential velocities, it can be easily concluded 
that the wear rate observed by (28) in next section, will be 
much higher for the case of higher speed. Furthermore, it is 
also observed that the sudden change in oil film thickness 
happens where the forces change direction or sudden impulses 
occur, when the piston passes the TDC or BDC (every 180° of 
crank rotation). Similarly, an abrupt change in normal velocity 
of the journal is observed at same locations where the film 
thickness changes instantly. The tangential velocity, however, 
varies smoothly in a periodic manner with minor fluctuations 
at completion of each cycle. Similar coherence among the 
forces, oil film thickness, radial and tangential velocities is 
observed for all other operating conditions. It is worth 
mentioning that the parameters discussed above are crucial for 
determining the wear generated in the bearing with explicit 
location information as all the parameters are phase locked to 
the crank angle.  

The existence of minimum oil film thickness at the instant 
the piston passes through the TDC or BDC (except in firing 
stroke where oil film is not minimum due to counteracting 
inertial effects), is an upfront indication. According to the 
bearing phase information with reference to the crank angle, 
the top and bottom surface of the bearing along the piston 
displacement axis are exposed to major wear. 

B. Effect of Load on Forces/Oil Film Thickness/Velocities 

Fig. 9 illustrates a comparison of forces when the bearing is 
subjected to operation at the same speed (i.e. 3000rpm) and 
clearance (0.0002m), but with changing external load/torque. 
 

 

Fig. 9 Variation of resultant lubrication force with load (constant 
speed 3000 rpm/c=0.0002) 

 

The combustion peaks stirring in this case changes in 
magnitude with increasing load; however, interestingly the 
small humps due to the squeeze film action of lubricant film 
do not rise considerably with load. This is owing to the fact 
that bearing knock forces are mainly attributed to the inertial 
effects rather than combustion effects. Thus, it is concluded 
that the bearing forces are not dominant by the external load 
on the engine, and the results confirmed by the vibration 
analysis results compared later in Section V. It is not 
necessary to illustrate the corresponding variation of oil film 
thickness, radial and tangential velocities of journal as a 
similar correlation is observed as were in case for variable 
speed analysis in the previous section. 

C. Effect of Increased Clearance on Forces/Oil Film 

Thickness/Velocities 

An oversized bearing clearance is an indicator of bearing 
wear. Thus to simulate the bearing with worn geometry 
different clearances were used in the simulation and the 
variation in results was studied. Fig. 10 shows the variation of 
forces with increasing clearance under harsh operating 
condition of 3000 rpm and 110 N-m: 

 

 

Fig. 10 Variation of resultant lubrication force with clearance 
(constant speed 3000 rpm/load 110 N-m) (a) normal clearance (b) 2x 

clearance (c) 4x clearance  
 
For the case of 4x clearance the oil film starts to break near 

180˚ when the piston passes the bottom dead center, as the oil 
film thickness in this region (marked in red rectangular area) 
is as low as hmin= 0.32459 μm, and thus no longer able to 
support the load on the bearing. This region is thus susceptible 
to highest amount of wear, fast tracking the deterioration of 
the bearing. Similar to previous sections a plot of associated 
journal velocities and oil film thickness was generated 
corresponding to each operating condition, for later use in 
wear prediction model. 

Depending on the results of above comparisons, it was 
observed that speed and oversized clearance plays an 
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important role in influence bearing knock, due to a 
considerable drop in oil film thickness, hence causing wear. 
Load however did not display any notable effect on reduction 
on oil film thickness for any of the combinations. 

For further analysis to predict wear rates, the critical cases 
with high speed (2000/3000 rpm) conjoining with oversized 
clearances were selected, as the film thickness is found to be 
below the selected limit of 1μm.  

D.  Wear Rate Determination 

Based on the parameters collected as above from the 
simulation model, the wear rate of the journal bearings can be 
predicted by using Archard’s wear model [28] 
 

�J = m � .  �
�                                       (28) 

 
where, Wr is the instantaneous wear rate (mm

3
/s), F simulated 

is the bearing force (N), U is the tangential/sliding velocity 
(m/s), H is the hardness of the softer material (bearing sleeve 
in this case) and is selected as 186 HV, and k is the wear 
coefficient. The wear coefficient is dependent on several 
factors and not easy to determine. However, since the aim of 
this study is to highlight the location specific wear and its 
instigating dynamic information, so a same value of k (=7x10-3 
mm3/Nm) is used for all conditions [29]. 

Fig. 11 shows a comparison between the variation of oil 
film thickness and the corresponding wear with location 
information corresponding to crank angle and piston position, 
for the most overstated case of 3000 rpm/110 N-m/4x 
clearance. 

 

 

Fig. 11 Variation of wear rate with oil film thickness (speed 3000 
rpm/load 110 N-m/clearance 0.0004 m) (a) Wear rate vs crank angle 

(b) Oil film thickness vs crank angle 
 
It is evident that the wear rate is almost negligible where the 

oil film thickness is maximum (red peaks) whereas the wear 
rate hikes in zones where the oil film thickness is minimum, 
thus no longer being able to maintain sufficient lubrication. 
Same consistency between the trends of oil film thickness and 
wear rate was observed for all operating conditions. 

It is discussed previously that wear is highly likely to occur 
on top or bottom edge of the bearing when the piston passes 

through TDC or BDC. However, for the sake of comparison 
and based on the assumption that the bearing forces and 
sliding velocity are time dependent, and during starts/stops 
and prolonged operation the bearing may wear uniformly. The 
instantaneous wear rate shown above was averaged over the 
cycles to get the averaged wear rate for one complete cycle 
[30], and the values listed in Table III.   

Summarizing from Table III, in first 9 simulations at 1500 
rpm no wear was observed at normal and 2 times the 
clearance, but a small amount of wear is observed only with 4 
times the clearance, as the oil film thickness was found to be 
less than 1 µm. For the simulations running at 2000 rpm and 
3000 rpm oil film thickness was found to be maintained 
sufficiently for normal clearance thus giving no indication of 
wear, but for 2x and 4x clearances at 2000/3000 rpm some 
wear is indicated with higher severity at 3000 rpm. The plot of 
wear rates from above table is presented in Fig. 12. 

 
TABLE III 

ALL SIMULATIONS AND OUTCOMES 

No. Speed Load c Wear Rate (mm³/s) 

1 1500 rpm 50 N-m Nor 0 

2 2x 0 

3 4x 7.55E-07 

4 80 N-m Nor 0 

5 2x 0 

6 4x 7.91E-07 

7 110 N-m Nor 0 

8 2x 0 

9 4x 1.06E-06 

10 2000 rpm 50 N-m Nor 0 

11 2x 3.00E-07 

12 4x 1.26E-06 

13 80 N-m Nor 0 

14 2x 2.40E-07 

15 4x 1.32E-06 

16 110 N-m Nor 0 

17 2x 2.06E-07 

18 4x 1.98E-06 

19 3000 rpm 50 N-m Nor 0 

20 2x 1.40E-06 

21 4x 3.31E-06 

22 80 N-m Nor 0 

23 2x 1.39E-06 

24 4x 3.29E-06 

25 110 N-m Nor 0 

26 2x 1.65E-06 

27 4x 3.39E-06 

 
The overall trend of wear rate (from condition 1-27) is 

escalating as the operating conditions (mainly speed and 
clearance) become tougher, implying a higher wear rate at 
higher speed and oversized clearance conditions. The first 
three points along the inclination of each individual peak 
represents the upsurge in wear rate with increasing clearance, 
thus indicating that once the wear is initiated in a normal 
bearing, the process is vigorously advanced. 
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V. COMPARISON WITH VIBRATION ANALYSIS 

A comprehensive study, on experimental and simulated 
vibration signals for same engine parameters and operating 
conditions, from a similar simulation model is presented by 
[17]. Based on the simulated bearing forces, vibration signals 
were extracted in the time domain by using experimentally 
determined frequency response functions (FRF). The vibration 
signals were used to identify bearing knock when the engine is 

running under different operating conditions. An example of 
simulated time domain signals at 3000 rpm/80 N-m/4x 
clearance (condition 24) is shown in Fig. 13. 

Squared envelope analysis was performed on all acquired 
vibration signals and an increase in amplitude was reported 
with increasing speed and clearance, thus indicating the 
likelihood of advanced wear at exaggerated operating 
conditions.      

 

 

Fig. 12 Wear rate (Wr) for all 27 operating conditions 
 

 

Fig. 13 Simulated vibration signal (condition 24) [17] 
 
The corresponding squared envelope for the case shown 

above is given in Fig. 14.                                                                                  
 

 

Fig. 14 Squared envelope signal (condition 24) [17] 
 

In Fig. 14, the higher peaks occurring at regular intervals of 
720° (corresponding to cylinder 2 as per the firing order 1-3-4-
2) are the indicator of bearing knock, with increasing 
amplitude conforming to increase of speed and clearance, 
which is in comprehensive consistency with the wear rates 
predicted in current study. It should be noted that vibration 
amplitude is a much more sensitive measure of bearing force 
than calculated oil film thickness, which is insensitive when 
very small. 

It is worth mentioning that the envelope analysis did not 
reported detection of bearing knock at lower speeds, and the 
major comparison was based on cases with higher speed and 
oversized clearances. Similar trend is confirmed by wear 
analysis in present study as it did not displayed any prominent 
wear due to the adequacy of oil film for low speed conditions. 

VI. CONCLUSION 

The presented work demonstrates the capability of a 
simulation model to investigate the crucial parameters that are 
detrimental for bearing performance, based on which the wear 
rates for different operating conditions were obtained. 
Experimental investigation of IC engine bearings is time 
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consuming and cost intensive, therefore appropriate simulation 
models can provide a better alternative to understand bearing 
wear phenomena by using oil samples and vibration signals as 
indicators. The wear rates obtained show the potential for 
developing a wear model based on combining vibration 
responses with wear debris analysis. Good agreement between 
simulated and measured response vibrations in a previous 
study indicated that simulated as well as measured vibration 
signals can be good indicators of wear progression and could 
lead to a more integrated methodology by combining wear and 
vibration measurement and simulation to give improved wear 
prediction models and thus improved prognostic ability. 
However, to establish correlation between vibration and wear 
based analysis, further experiments and simulations at higher 
speeds to generate more data, are necessary, as the 
recommended methods lack in providing relevant information 
at lower speeds. The simulation model can be improved 
further by including the mixed lubrication, and boundary 
lubrication regime, in addition to the Reynold’s equation 
governing the full film lubrication in this model.  
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